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CONCLUSIONS AND RECOMMENDATIONS

CONCLUSIONS

Quiet truck studies showed that the fan environment has a significant
and perhaps dominant effect on fan noise generation. Thus, improving cooling
system performance and consequentTy reducing the fan aerodynamic requirement
15 a key to quieter fans. Currently, cooling system components are spe'cified
primarily on the basis of minimum cost and not on the basis of maximum
efficiency. If the relative values placed on cost contro? and heat transfer
efficiency are changed, benefits can be derived not only from reduced noise,
but also from reduced parasitic fuel consumption of the ceoling system, an
increasingly important factor in vehicle operating costs.

Quiet Vehicle Design

Radiator performance is primarily controlled by radiator face area,
top tank tamperature, and number of coolant passes., For a hypothetical
radiator with constant face area and core thickness, increasing top tank
temperature would permit an airflow requirement reduction which is estimated
to allow & 11 dB reduction in fan noise. Use of a muitipass radfator in this
configuratfon would add a further 1.5 dB reduction, as estimated in a
non-optimized case.

Fan aerodynamic performance is mest significantly fmproved by
reducing blade tip-to-shroud clearance, Test data provided by manufacturers
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tends to use tip clearances much smaller than obtalnable in practice.
Consequently, a test standard is required which would provide the vehicle
designer a consistent data base, At the same time, a fan design which includes
o integral (rotating) shrouds will provide the best aerodynamic performance and
o least noise. Alternatively, low tip clearance fans using fixed engine-mounted
shrouds or radiator-mounted fans (driven by a flexible coupling) will also
provide superior aerodynamic and acoustical performance.

-~

‘. luiet Fan Selection

. Recent developments indicate that the understanding of fan noise
Ut generation machanisms is now sufficient to develop analytical models which can
be used to pradict fan sound levels and optimize fan geometry for a given

-

f i acoustic and aerodynamic performance. This understanding also underscores the

- need for an acoustical test procedure which will accurately describe fan noise

L generation characteristics {which are completely undocumented for current

! production fans). This information is urgently needed if the vehicle designer

{"" - {5 to consider a quiet fan for his application.

*-‘

- RECOMMENDAT IONS

8

- From the previous conclusions, a number of actions are indicated

;. which would result in quieter fans and wvehicles,

7 General

149

F‘ Development of both aerodynamic and acoustical fan test procedures

oA for vehicle applicatfons should be fostered, These procedures would allow a

- common basis for the cataloging of the performance of commercially available

[" fans and the comparison of new fan designs currently in research. With the
availability of such measurement standards, a program of performance

U measurements shouid be undertaken to create a data base for the use of the
vehicle designer,

.

Lu A mathemat{cal model describing fan noise generation which describes

5 the major noise generation mechanism should be developed. This model should

[_; then be automated to permit the optimization of fan geometries for given

vehicle applications. 1
i
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Quiet Yehicle Demonstration Program

A quiet cooling system should be installed in a demonstration vehicle
which utilizes a high top tank temperature. This can be accomplished by
selecting a gasoline engine currently specified with high top tank
temperature. The quieted vehicle should also utilize a multipass radiator of
optimized configuration, radiator face area and core thickness. The fan for
this vehicle should be an integral shroud fan or else be fitted with,
preferably, a radiator-mounted fan with close tip clearance. i
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I. INTRODUCTION

The engine cooling fan is a major component noise source in highway
trucks as indicated in Table 1.1. This table, while specifically applicable
to heavy trucks, is representative of medium trucks {or perhaps even
under‘stcftes the significance of the fan noise contribution). The data
presented in Table 1.1 are based on work performed or reported during the
early 1970s -- a watershed period in truck noise contrel. Since that time,
however, the use of thermostatic speed-modulated fan drives has become
commanplace, particularly In heavy trucks and increasingly in medium trucks.
These fan drives were primarily installed to reduce the parasitic fuel
consumption due to the fan but also have the benefit of reducing fan noise
exposure. (The thermostatic speed modulation, while significantly reducing
noise exposure -- the integration of sound level over time -- did not reduce
the actual magnitude of the fan sound levels.) The use of thermostatic fan
drives was further encouraged by the allowance in the EPA Medium and Heavy
Truck New Product Noise Reguiation for testing of the vehicles with fans
inoperative when these devices are installed. Consequently, by the latter
part of the 1970s, work on developing and implementing quieter truck fans
appeared to come to a halt.

A number of lesscns were Tearned from this earlier work, Perhaps the
most salient realization was the relative insensitivity of noise generation to
fan design. A number of these investigators found, when testing a variety of
fan configurations in the test vehicles, no significant difference with
respect to the original production fan was observed.?»3+4 The fans
avaluated included aerodynamically sophisticated designs with many blades and

11



twisted, airfoil-~section blade geometries.
investigators found that all replacement fans tested in their vehicle

However, in one vehicle

B performed between 4 and 10 dBA better than the original production
installation.> This behavior may be explained by very poor fan installation
o in the production vehicle. Thus, when the production fan is reasonably well
selected, relatively 1ittle additional noise control benefit can be obtained
— by fan substitution -~ even when the production fan s a rudimentary stamped-
steel configuration.
o TABLE 1.1
Co HEAVY TRUCK COMPONENT NOISE SOURCES!
(Measured at 50 Ft. Per SAE J366a Acceleration Test)
N
. VEHICLE TOTAL COMPONENT LEVEL {dBA)
i TYPE VEHICLE | BARE EXHAUST| FAN | INTAKE | TRANS- | TIRES| OTHER
= : LEVEL ENGINE MISSION
j‘ ~ {dBA)
!
o DIESEL-ENGINED 87 8? 82 81 74 75 68 75
™ GASOLINE-ENGINED 86 76 81 80 - - - -
1 Investigators also ohserved that laboratory-measured results
i significantly overstated benefits of noise control modifications when
;7 installed in an actual vehicle.? This further underscores the significance
- of the fan environment on noise generation, This and the experfence with fan
-Fl substitution emphasize the need for reducing fan aerodynamic performance
b requirements as a means of quieting cooling systems. The use of a larger face
area radiator is an obvious means of increasing cooling system performance.
[ In one study the radiator face area was increased 67% and fan size increased
20% resulting 1n a halving of the fan speed requirement.® This
:1 configuration resuited in an approximately 15 dBA reduction in fan noise
levels (although air-to-boil performance of the vehicle was approximately
50F deficient).
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Several investigators found that reducing fan tip-to-shroud clearance
has a substantial benefit in improving fan performance and reducing fan
noise.2»5 Far engine-mounted fans and radiator-mounted shrouds, tip
clearance reductions down to approximately 0.75 in. were possible (fram
typical current practice of approximately 1.5 in.). 8ecause of engine
deflection on its mounts, greater tip clearance reduction required
- engine-mounted shrouds., This approach was implemented using a flexible shroud

attached to the radiator.Z2 Use of the engine-mounted shroud resulted in
some installation difficulties and required that an idler puiley be utilized

‘ for fan belt adjustment.

o These investigators had several other interasting findings:

- L Improved sealing between the shroud and the radiator reduced the ;
: alr leakage behind the radiator and improved the heat transfer ;
i - performance of the radiator, permitting a 3-4 dBA noise level f
E reduction. 7
{ " ® Modification of the fan-to-radiator and fan-to-engine distances
i resulted in a noise level reduction of 4 dBA -- a benefit which
i fj is greater than that predicted in laboratory evaluations, again
P demonstrating the effect of the engine compartment environment.
: .
b

i e Even with the improved airflow environment, including the usage

— of tight tip clearance and a venturi shroud, the "conventional

o truck fan is sti11 as good or better as any known design

available."
"

. Optimization of the radiator core geometry by alteratfons of
) number of tube rows and fin configuration resulted in
wd approximately a 5 dBA reduction.

ey
L} The purpose of this report is to review the current state of the art

for quieting of truck cooling system fans. Recent fmprovements fn analytical ;
i} capabilities and increased understanding of fan noise are reviewed. Practical i
- considerations drawn from these insights are noted. In Tight of the ¢
t~1 :

- 1-3
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expeHénce described above, considerable emphasis has heen devoted to the
investigation of the cooling system airflow requirement and an evaluation of
alternative cooling system airflow configurations which would yield
significant cooling system sound level reductions. Recommendations for
actions which would foster the design, development, and installation of
quieter fans are made.
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' II. FAN AIRFLOW REQUIREMENT
[
ol
» For internal combusticn-engined vehicles, only a fraction of the
! - chemical energy of the fuel is transformed into useful work. The remainder of
' . 1 the fuel energy is dissipated by various machanisms., Tha relative proportions
of these fuel energy paths are defined in Table 2.1 for vehicles operating at
1 : maximum load. The fraction of chemical energy rejected to the cooling system
) is roughly constant regardless of the engine operating condition {although due
r': to throttling losses, gasoline engines reject relatively more waste heat at
but low 1oad conditions). Therefore, the greatest heat rejection requirement
= placed on the cooling system will be at the high load, high fuel consumption
. e conditions, These condftions are at the maximum rated or governed speed of
X the engine.
s
T
}: TABLE 2.1
Y ENERGY BALANCE IN MOTOR VEWICLES’
té '» (Percent of Fuel Energy at Maximum Load)
1
i [fi Gasoline- Diesel-Engined
b e Engined Vehicles
Vehicles “1rucks Automobiles
g
ol LooTant 20 30 27
- Exhaust Gases 35 30 37
Radjation* 20 10 13
" Useful Work 25 30 23
e
-~ *Includes radiation from exhaust pipes, coolant jacket and pipes, and engine
O walls without coolant circulatfon, e.g., crankcase.
7
—d 2.1
g ?”l
] ]
i
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Yehicle operation at low speed in the lowest gear presents the
greatast demand on the cooling system, especially the fan, since waste heat
production is high but 1ittle ram air benefit is present. Consequentily, Tow
vehicle speed operation at maximum engine speed {typically at vehicle speeds
of § to 15 mph) is the cooling system design condition.

Cooling system performance is generally evajuated by means of a
parameter known as air-to-boil (ATB), theoretically the inlet air temperature
at which the coolant boils., ATB {s tested particularly during Tow speed, high
load vehicle operation. For automobiles several design conditions are
generally checked to assure the cooling system will perform adequately under
all circumstances. These conditions are maximum speed, towing on a grade, and
idle. For medium and heavy trucks, low speed in the minimum gear is the
single condition that is generally sufficient to test the adequacy of the
cooling system.

ATB can be determined at any ambient temperature during a cooling
system test, as

AT8 = Ty = Toot T,

where, T, = coolant boiling point
TTT a top tank temperature, measured fn test
TA = ambient temperature, measured in test.

Most diesel engine manufacturers specify maximum top tank temperature, minimum
air-to-boil, and boiling point temperature. Thus a design ambient temperature
is impifed. Detroit Diesel and Caterpillar Timit top tank temperature fo
2109F while Cummins Yimits top tank temperature to 2039F.8:9:10 The

design conditions for gasoline engines are generally considered proprietary,
since the engine and vehicle manufacturers are the same. Design ambient
temperatures are typically about 1109F,

COOLING SYSTEM DESIGN PROCESS

The cooling system design process consists of essentially four
steps: the datermination of total heat rejection requirement, the selection

2-2
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of a radiator configuration, the calculation of airflow requirement, and the
selection of a suitable fan. Typically thase steps are performed in the order
as stated here:

. The heat rejection requirement is & sum of those heat loads
resulting from the engine, automatic transmission, air
conditioning condenser, and engine retarder--as applicable to
the specific vehicle.

) The radiator configuration is selected hased upon the physical
installation constraints and cost, and the magnitude of the heat
rejection requirement,

. The volumetric airflow requirement is determined from the
radiator heat rejection capability and the heat rejection rate
dictated by the installation and the cooling system design
requirements. The required pressure rise is determined by the
pressure drop incurred by the radiator and the pressure drops
incurred through the rest of the vehicle,

®  The fan is selected based upon the airflow operating point,
physical installation and cost constraints, and noise
perfarmance.

A slightly different cooling system design procedure is used by
Ford.11 In this procedure the fan configuration is initially selected based
upon an a priori noise performance goal. The radiator configuration is then
selected. The airflow, for which the aerodynamic balance is achieved, is
calculated. Finally, the heat rejection capability of the system is evaluated
with respect to cooling system criteria. This procedure is illustrated, in
simpTified form, in Figure 2.1, This approach appears to be attractive from
the noise control standpoint since it gives first priority to noise
performance, However, it can only be truly effective if the chosen fan noise
design level challenges the cooling system designer.

2-3
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- Specifications for the cooling system are defined from various
sources:

® The engine manufacturer specifies the heat rejection rate of the
engine, the reguired cooling performance (ATB), the maximum
allowable top tank temperature, the coolant flow rate provided
by the engine, and --possibly-- the coolant type.

—
' ®  The radiator manufacturer provides heat transfer performance
- curves and airflow resistance curves for the radiator cores.
- L The fan manufacturer provides aerodynamic performance curves for
toyl the fan.
!

‘ &  The vehicle manufacturer defines the vehicle configuration (cab
S design, transmission type, and so forth), the installation and
= cost constraints, the vehicle airflow resistance, and the design
ambient temperature desired.

-
. RADIATOR DESIGN AND COOLING SYSTEM PERFORMANCE
i .
' The radiators of current highway vehicles have generally been
optimized on the basis of minimum weight and cost. Face area has increased to

.d

better utilize ram air for coaling and to gain fuel economy by reducing fan

e use in normal operations. It is possible, however, to optimize a radiator on
the basis of the minimum required air power.* The parameters which affect the
copling system air power requirement, whfch are discussed in the following
paragraphs, are:

iz 4

®  Thickness
'-' . Face area
® [in density

*Alr power is the ideal horsepower required to move a certain weight of air
~ through a pressure rise. The afr power dictates the fan performance require-
ment which in turn relates directly to noise generation. See Appendix A,
Nomenc 1ature, for definition of air power.

2-5
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Fin design

Coolant flow rate

Radiator loading

System resistance

Maximum ambient temperature
Maximum top tank temperature
Coolant type

Heat exchanger type.

As part of a cooling system study for a military combat/tactical
vehicle, a parametric study was conducted of a typical radiator used in an
automotive cooling System.12 The vehicle analyzed differed from highway
truck design practice in that the vehicle pressure drop (less radiator core)
was quite targe, 5.79 1in. H2° with 15,000 ft3/min. airflow, and the
radiator air inlet temperature was relatively high, 1209F. (Complete
description of the cooling system of this vehicle is provided in Table 2.2.)
These differences mzke practical thicker radiator cores than normally suitable
in highway vehicles, However, the trends defined in this study are applicable
to highway vehicles,

TABLE 2.2
DESCRIPTION OF COOLING SYSTEM FOR MILITARY VEMICLELZ

Heat Transfer Rate: 9,000 BTU/min

Core Face Area: 6,19 ft2
Coolant Type: 50/50 aqueous ethylene glycol mixture

Coolant Inlet Temperature to Radiator: 2000F

Coolant Temperature Drop Through Radiator: 109F

Air Inlet Temperature to Radiator: 1209F

Fin Density: 11 fins/in.

Cora Type: tube and fin, with wavy fins

Vehicles (less radiator) Pressure Drop: 5.79 in. Hoo
with 15,000 ft3/min. airflow

2-6
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This study will be cited l1iberally in the following paragraphs. Except where
otherwise noted, figures reproduced from this study pertain to the

configuration specified by Table 2.2.

The military vehicles as stated above have highly restricted cooling
airflow paths. The author describes a representative vehicle in which the
pressure drops through the system are as in Table 2.3.

TABLE 2.3
COOLING AIRFLOW PRESSURE DROPS THROUGH A MILITARY VEHICLEL2
(with 18,000 ft3/min. airflow)

Flow Element | Intake Grill | Radiator| Engine Compartment | Exhaust Grill | Total
Praessure

Drop, ap 2.1 2.0 3.7 2.2 10.0
{in. H0)

In this analysis of airflow resistance effects on cooling performance, the
author adopts the practice

APr = 4Py +app + rAPC *ARE

where the subscripts denote,

T = Total
I = intake grill
R = radiator
¢
E

= engine compartment
a gxhaust grill

and the coefficient, r, is defined as the engine compartment air resistance
index. The engine compartment air resistance index is taken as 1 in the
following figures from this work except as specifically noted otherwise.
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Thickness. Modern highway vehicle systems can have an overall
vehicle pressure drop at the design flow one to four times the radiator core
pressure drop. Military vehicles have an overall vehicle pressure drop
approximately five times the radiator core pressure drop. Figure 2.2
illustrates the interaction of system pressure drop, core pressure drop, air
velocity, and fan power with core thickness for the previously described
military vehicle for a constant rate of heat transfer,l2 Compared to
highway truck practice, this vehicle has very restricted air flow, slightly
high air inlet temperature, and a relatively small radiator face area.
However, the radiator heat transfer for this vehicle is about 1500
BTU/min/ft2, not particularly different from most highway vehicles. Note
that for constant heat transfer rate airflows, the minimum values for fan
(air) power, air velocity system (total) air pressure drop, and radiator core
air pressure drop do not occur until core thickness of about 11 in., 9 in.,
and 6.5 in., respectively.

Face Area. The required fan air power for given heat transfer rate
w111 always be less for a larger face area at a given core thickness. This is
iNustrated in Figure 2.3. A radiator weight reduction (i.e., smaller core
volume) at constant power can sometimes be achieved by using a smaller face
area and greater thickness. This is {1lustrated by Table 2.4, The smaller
core volume in turn generally translates to lower total cost.

TABLE 2.4
EFFECT OF CORE FACE AREA ON REQUIRED RADIATOR VOLUME
Face Area Thickness Core VYolume Air Power
(Ft2) {in.) (Ftd) HP
B.28 3.2 2.21 20
6.19 4.0 2.06 20

Fin Density. Increases in fin density increase the heat transfer
area for a given core weight but also increase the pressure drop. A core
having a higher fin density with fins of the same design would reach its
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optimum thickness at a lawer thickness than a core with a Tower fin density.
Increasing fin density increases the overall performance of a radfator because
the air side heat transfer effectiveness is normally the limiting factor on
radiator performance. Thus, increasing fin density matches the air-side heat
transfer capacity more closely with that of the water-side. To reduce the
cost of radiators and increase performance for a given weight, greater fin
densities for radiators have been used. Automobile radiators are now being
produced with densities as high as 24 fins/in. The optimum fin density will
depend on the fin thickness required for durability in the installation, and
the relative changes in heat transfer effectiveness and pressure drop with
thickness. For each core geometry under consideration, a core thickness for
minimum air power in the available face area can be determined. A complete
parametric study that would include not only variation in core thickness but
variation in fin density as well would bhe required to determine the combined

optimum of both parameters.

Fin Design. Convective heat transfer from the radiator core metal to
the air is impaired by the formation of the boundary layer in the airflow.
Thus, texturing of the fins, which generates turbulence in the airflow,
increases the heat transfer capacity of the radiator, These fin texturing
devices include dimples, Jouvers, and waves. In a wind tunnel fnvestigation
of the effects of installation parameters on truck cooling system performance,
a radiator with 11 fins/in. fin density and plate (flat) fins had the same
heat transfer capabilities at equal flow and temperatures as a second radiator
with only 9 fins/in. and louvered fins. Thus, a louvered fin radiator with
the same fin density has a higher heat transfer capability. However, for the
same heat transfer capability, the plate fin type radiator has the least
pressure drop. When a radiator is optimized on the basis of minimal weight, a
louvered fin radiator will be the obvious choice, while the most efficient
radiator on the basis of minimum air power will be a plate fin radiator.
Generally, louvered fin radiators have been chosen for highway vehicles where
plugging is not a problem while plate-fin radiators are used for off-highway

app 1ications,

Coolant Flow Rate. As discussed above, automotive radiator
performance is generally limited by the air-side heat transfer capability of

2-11
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- the radiator. Consequently, increasing ccolant flow rate will provide
significant benefits only for those systems which are coolant-side Timited or
have been altered already to improve air-side heat transfer. Figure 2.4 is a
typical radiator manufacturer's heat transfer correction curve. In this
figure, the design point is indicated as 2 gal/min/in. core width and all of
the radiator core performance curves are constructed using this coolant flow.
Note that doubling of flow rate results in a 5% heat transfer increase, while
= a halving of flow results in a 6.5% decrease. Further flow reductions will
t result in significantly greater heat transfer decreases.

Radiator Loading. Radiator lcading {s the heat rejection requirement
placed upon the radiator per unit of radiator core volume. Table 2.5 compares

TT radiator Toadings for a military vehicle and comparable commercial vehicles.
Several comparisons are of interest {n Table 2.5. For the military vehicle,

’7 increasing the required heat rejection rate with constant face area resulted

e in greater radiator loadings and dramatically increased air power

- requirements-- even when minimum air power radiator cores are used, Note

L that, although these systems have quite low radiator loadings, their air power

- requirement is relatively high due to their high system airflow resistance.

L; For the heavy truck, increasing face area resuited in lower radiator loading
and significantly lower required air power. In general, radiator loading

{T should be minimized for the minimum air power requirement in a given

" installation although it is not suitable for comparisons between diffarent

fﬂ installation. A range of required radiator loading for good design practice

wd has been recommended as 1.5 to 2.2 BTU/min/in.d

=

I System Resistance. The effect of increases in the airflow path
resistance is indicated in Fiqure 2.5, Recall that the power plant

E: compartment air resistance index, r, 15 a multiplier placed upon the engine
compartment and that inlet, ocutlet, and radiator resistances ars held

[ constant, (However, for the condition of r=0, the resistance of the inlet and

e outlet is also equated to zero. Thus, this curve is the minimum fan power for

i* the radiator core operating with zero additional pressure drop either in the

L inlet or gutlet paths, an upattainable minimum.} The range of system

" resistance depicted in Figure 2.5 is extreme in the context of highway

LJ
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TABLE 2.5
EFFECT OF RADIATOR LOADINGS

VEHICLE APPLICATION | REF. CORE FACE | CORE HEAT REJECTION| RADIATOR AIR
AREA THICKNESS RATE LOADING POMER

(in.?) (in.) (BTU/min) | (BTU/min~1n3) (HP)

Military Vehicle? 12 891 10.3° 7,200 0.784 3.0

891 11,5 9,000 0.678 5.3

891 12.5F 11,250 1.01 13.3

Ford heavy truck® 1 1200 3,290 9,600 2.43 4.1

: 1700 3.29° 9,600 1,72 2.3

GMC medfum truck® 13 694 2.63 65,1601 3.37 3.5

694 2.63 6,602% 3.61 -

Good practice range 4 - -—- -- 1.6-2.2 -

NOTES:
84iesel-engined
bestimated
cgasoline-engined

dyithout air conditioning
Cwith atr conditioning load added to radiator

ffor- minimum air powar, thickness

e R S
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vehicles for which the total vehicle resistance represented by r=1 is not
likely to be exceeded. However, the trend illustrated {s significant -- more

- restricted systems require thicker radiator cores for constant ajr power.

Maximum Ambient Temperature. Figure 2.6 illustrates the effect of
the design ambient temperature upon the optimum core thickness for minimum fan
pewer, The 1200F ambient used as the design condition is reasonably
representative of current highway trucks since a margin is allowed for air
conditioning. Note that a 309F drop in ambient only drops optimum core
- thickness slightly. A 309F rise requires more than three times the fan

power and a much thicker radiator core.

Maximum Top Tank Temperature. The heat rejection capability of a
radiator s a strong function of radiator inlaet air temperature, i.e., top

B tank temperature., Figure 2,7 illustrates the effect of top tank temperature
- on the core thickness for minimum fan power and thus also on the overall size
"'; and weight of the cooling system. The 200°F maximum coolant temperature is
X conservative by most current truck practices. Although Cummins requires

—- 2039 and Detroit Diesel and Caterpillar, 2100F, Chrysler uses 2459F for

, autemobile gasoline engines.15 Higher top tank temperature {(maximum coolant
~ temperature) would reduce both fan power and optimum thickness substantially.
g In Figure 2.7 a 209F rise in the allowable top tank temperature would cause

' the pptimum core thickness to occur at approximately 8 in., instead of 11 in.
f and 2 halving of the required fan power.

L 3Y ]

8] Coolant Type. The effect af changes in the engine coolant on the

-

size and required fan power for an optimum heat exchanger is 117lustrated in

Figure 2.8. A coolant which has a higher specific heat js able to extract the
same heat from the radiator core at a lower flow rate or more heat at the same
flow rate. The figure illustrates the conditians for two coolants, water and

i X

TR e Ttm T Tt en SRr e e e e e e

f‘i agquecus ethylene glycel. The water, having the higher specific heat, results
I jn lower fan power. This effect is particularly pronounced for thin radiator
{pa% cores where the use of glycol results in a significant air power penalty.

e ] (Note also that a cooling system performance evaluated with water coolant may

significantly overstate cooling performance using glycol.) Nevertheless, the
use of water {n engine cooling systems is no longer recommended by most engine

-

LT
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manufacturers because of the need for corrosion inhibitors which are present
in most ethylene glycol cooling system conditioners. Wsing water, the
immediate heat transfer capabilities of the cooling system would be improved
slightly, but core scaling would be more severe than with a glycol mixture and
ultimately the heat transfer capabilities would be less. Furthermore, glycol
coolants are capable of operating at higher temperatures, thus further
improving the heat transfer as discussed previously.

Heat Exchanger Type. The heat transfer at any specific point in a
heat exchanger is directly proportional to the temperature difference between
the hot and cold fluids {(e.g., for the automotive radiator, the coolant and
air)., Consequently, the most efficient heat exchanger is one in which this
difference is maximized at all points in the exchanger core. This maximum
difference would be achieved when the air and coolant flow in parallel but
apposite directions such that the entering coolant "sees" the exiting air and
vice versa. This heat exchanger confiquration is known as counterflow. In
automotive radiators the cooling air flows perpendicular to the path of the
coolant. This configuration is known as crossflow. Since the temperature
differential is not maximized throughout the radiator, its heat transfer is
only some fraction of that possible with a ¢ounterflow heat eschanger.
Counterflow heat exchanger performance can be approached with a crossflow
radiator by directing the coolant flow through multiple passes through the
exchanger core such that the differential between the average coolant
temperature for each pass and the air temperature for that pass is maximized.
This configuration is known as a multipass crossflow heat exchanger.

The automotive radiator is a single pass crossflow heat exchanger.
Its effectiveness,€, (as defined in Appendix A), is approximately 50%.*
Alteration of cooling system operating parameters --notably increasing maximum
top tank temperature-- can increase the effectiveness to about 70% (for 2 top
tank temperature of about 2500F).

*As calculated for the GMC gasoline-engined medium truck described in
Appendix C.
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The potential benefit muitiple passes in an automotive radiator are
illustrated in Figure 2.9.16 2t current cooiing system operating
conditions, use of multiple cootant passes will result in heat transfer
improvements of about 2-3%. However, for radiators operating at higher
effectivenesses --such as those with high top tank temperatures-- heat
transfer improvements of about 10% can be obtained depending upon the number

of coolant passes possible.

FAN SELECTION PROCESS

Fans for current highway trucks are generally selected on the basis
of cost, noise, and power consumption (i.e., parasitic fuel consumption}.
Since thermostatic speed modulation is typically used to minimize noise
generation and power consumption for high performance fan installations, cost
{s the predominant selection consideration. (A result of these fan speed
contro) devices, consequently, has been to retard the development and
implementation of inherently quieter, more efficient fan designs.) i

Currently no industry-wide practice exists for the aerodynamic
performance testing of fans for automotive applications. Fan manufacturers
provide fan performance data based upon proprietary test practices which vary .
and are idealized, (These procedures use fan-to-shroud ¢learances that are |
much less than obtained fn practice and the engine compartment environment is
not simutated. Thus, aerodynamic performance relative to actual installations
is overestimated.) A Society of Automotive Engineers {SAE) test procedure for
the measurement of power consumption of automotive fans is being drafted (SAE
J133%). This procedure does specify test installation parameters but still

accepts somewhat optimistic test conditions,

Fan performance data provided by manufacturers normally consists of
pressure rise and power input as a function of volumetric flow rate for a
given fan size and operating speed; examples of these data are provided in
Figures 2.10. The specification of a fan for which the available performance
curve (pressure rise vs. airflow) does not intersect the desired operating
condition is determined by use of the “Fan Laws." The Fan Laws relate
pressure rise and airflow to fan speed and size for geometrically similar fans
at the same point of rating on the performance curve.

2-22



S3AUND JONVWHOJYId N3 Q3ITddNS-YIUNLIVANNYW WIIdAL 'T0T°2 F¥N9Id

ELEHOZ 2O°BMLP ms.mqew

oy Ao,
__“_H_ 1 aNDaEvs ...Eu_,._o m.nmxn_,s: Boq.ﬁni S
< pesedey G ; “ .,_ %
© ., og o4 oy || as ; i b _ "
- o . IR | O B
5 _ / e
L AL
iyt SN T T 77 on
(g el m w
.3 S e “
_ .._oq. . | 9= SR
2 tox _T “ L -t B
3 e coo b b &
beoogep SEIREE IS PR : ; i
da oy R A R ¥ : | B o~
M ! ; c v . h.-
X o Feo e oa et ve ta A 7 4
g .07 AT X €A
m A b : ﬁ L o
- i _ . _,_ 1 .M
$ ] vl e h R o -
. s " .- ._.. “ i _ : .
U LRCE RN Y I R
_ v _.:m_wnz_ UAMOA 0---0 | _ P
_._\..\m BELY 304,"_E<0|.0 ) . 0 : doa
: i+ Aaasnaa wmy auvanvis oY, aaiozmios saniva .5< _E.oz _ X
. - . :4 83QVIA 40 'ON 05’z ILldIM aI103t0ud ,z2. :mamssn i t
T S . /7LDl CONIUVANV, | i <l
S Ll ! ._.I_L..:t.

E.mm&m INVISNOD LV MOTIUIY SA HAMOL ISHOH Pa..—zh 7 aunssaud U_.H.<.rmv —

JONVINHOAYEL NV



Sitdsss

}
1irHi:

HH

1411

1P 1D SNROUD CLEARMNGE 287 weiGKY

E (

FLIET=AILITFE corronation

A3 B I3 TAlima s RET0N . 2081 E8e 1N
FIBERGIASS CODLING FAN

PART NO. €250 . D 22w ReM _/Sce ]

g FAN LEADING €DGE INTQ §HAQUD

4§

LR L
BT CACLE
1] p——

~§H: HES OF WATER

STATIC PRESSURE

ey
o3

Tt

i :?}u.;’-lxn H:

e

pou 113

Tttt
gy Rpiiniiniy

FIGURE 2.10b.

i 0uace . . DATE
1} 131
2 ot w
HiD = T -
i eyt Zaiz §
b TR ey
shy 11t e = d b g
HEHH e ] X
i .. ey CH I T
1 2 if i I -}-:-E:i e
ig HeEIR O R i
it tris 5 Lo
: ; :
,
i : ST
i : 5 s S R
155 e =
=il T
i + = nHEG &
1 H T
7
l
1 1%y 1]
1t -3
i LTI
H T +H
H ot
i i t
H Hi s
5 |
: Gz am
i :
>
f s e |
HETHE 3 H 3 g
: HEH R i )
< i3 it oie S
CiF « STANDARD J houaands B ' E
; EE ] : -
Pl iti “i‘li ‘-

xo

TYPICAL MANUFACTURER-SUPPLIED FAN PERFORMANCE CURVES

2-24



o e A

TR R L P

£

¥

O |

£}

&

1

g

©
S

| 3

Non-dimensienalyzing fan performance parameters provides a more
convenient means of fan selection. WNen-dimensional variables —-flow
coefficient,d, and presssure coefficient,y ,-- specify the dimensionless fan
operating point. They are calculated from the parameters of flow, pressure,
speed, and diameter, Any fan whose dimensionless performance curve passes
through the operating point will meet the application requirements. Figure
2.11 jllustrates the matching of a fan to a particular system using
dimensionless fan performance characteHstics.l7 Three fans are illustrated
on the dimensionless pressure coefficient versus flow coefficient plane,
jdentified as A, B, and C. A is a low capacity fan, B a medium capacity fan,
and € a high capacity fan. Intersections of system characteristics and fan
characteristics represent fan operating peints. If diameter is limited, as it
i5 in most trucks, the slowest turning fan will be the one with its
characteristics furthest to the right of the graph. For example, at 36 in.
diameter, fan C operates at 1370 rpm while fan A operates at 2150 rpm. For
noise control, the higher capacity fan appears to be a Tikely choice since
noise is a strong function of fan speed, However, off-design operation into
stall, noise performance data, and efficiency would have to be examined before

a final choice could be made. i

Caution should be exercised Tn using a non-dimensional flow
coefficient since its definition has not became standardized in the
literature. Examples of alternative definitions are provided in Table 2.6.
In this report the convention of Baranski is used.

TABLE 2.6
DIMENSIONLESS COEFFICIENTS %
Reference Baransk i17 Mellinl8 Longhousel? ;
Flow Coefficient, - 2 ~
T &2, bOT
a fan disc area = n d2}4
d = fan diameter
Ay = annular area swept by fan blades i
- n(d?-a?)/4 .
d. = fan blade root diameter
2-25
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A further extension of the use of non-dimensional variables involves
specific diameter. The specific diameter of a fan is a function of the flow
coefficient for a given fan design. [t represents the relative fan size for a
given fan performance, and is defined as

m%
H] ¢%
Specific diameter is particularly useful for design of automotive systems
since their performance is typically fan size constrained. In automotive
applications specific diameter ranges from 1,2 to 2.4 where the Jower Timit
describes unrestricted systems with ram air benefit and no air conditioning
condenser, and the upper limit describes very restricted systems or these
operating without ram air, such as at idle. 18 A fan selection procedure
utilizing specific diameter {is described in Figure 2.12.

D

FAN DESIGN AND COOLING SYSTEM PERFORMANCE

The effects of installation parameters on fan performance are
displayed in Figure 2.13. The primary parameters which affect fan performance

are:

Projection of the fan into the shroud
Fan-to-radiator distance

Tip clearance

Shroud type

Fan-to-engine distance.

These parameters have been listed in the order of the importance of their
effect as determined in tests.20

Projection of the Fan into the Shroud. Since engine-cosling fans are
generally operating in 2 mixed flow mode rather than an axtal flow condition,*

*At low pressure rise conditions the airflow from automotive fans exits
axtally. As the pressure rise required of the fan increases, an Increasingly
larger radial component of flow velocity is produced. {The radial flow is
essentially a pumping loss of the fan.} The resultant axial-radial flow is

known as mixed flow.
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the portion of the projected width of the fan outside of the shroud affects
fan pumping capability, The use of a fan shroud restricts radial airflaw.

The effectiveness of the shroud in accompiishing thls Is a function of the
extent of the fan insertion into the shroud. As shown in Figure 2,13a, heat
rejection fmproved about 9% for a fan with 75% shroud coverage versus one with
0% coverage., Recommended fan coverage is 50 to 6?%.10 Very high resistance
systems work better with 50% coverage while very low resistance systems work
better at 67% coverage.21

Fan-to-Radiator-Distance. The proximity of the radiator to the fan
affects the turbulence at the fan inlet. Cummins recommends that the
fan-to~radiator distance be 2 to 4 in, for the best performance. An increase
in heat rejection of 8% was observed as shown in Figure 2.13b for increasing
fan-to-radiator distance from 1.5 to 10 in. {.05 to .3 diameters). However,
in most vehicles the available spacing {s such that 10 in. spacing is not
possible., If it were available, the additional space might better be utilized
for additional core thickness or straightening and fairing of the flow path.

Tip Clearance. Fan shroud effectiveness is also a strong functicn of
fan blade tip~-to-shroud clearance. 1In Figure 2.13¢ a 0.05 in. (0.3 diameter)
tip clearance shroud had about a 7% performance improvement with respect to a
0,75 in, (0.05 diameter) tip clearance shroud. Mellin found peak fan
efficiencies increased from 18% to 34% for fan tip clearance reduction from
3.6% to 0.5% of the tip d1ameter.18 Further examples of the benefits of
reduced tip clearance are found on pages, B-4 and B-6 of Appendix B.‘?1 The
benefits of reduced tip clearance will be greater for aerodynamically
sophisticated fans (e.q., twisted, airfoil section blades) vs. simple stamped
sheet metal b1ades.22 The industry generally feels that 0.75 in, tip
clearance is required when the fan is mounted on the engine and the shroud is
mounted on the radiator. This allows for movement in the engine supports due
to changes in the torgue produced by the engine. A 0.05 in. tip clearance
would not be possible without fixing the fan and shroud relative to each
other. Tip clearance would effectively be zera if a rotating shroud were used
although sealing the shroud to the radiator would be required and the
clearance between the rotating and fixed portions of the shroud should be
minimized.
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‘ fan performance as indicated:

Shroud Type. The types of fan shrouds are illustrated in Figure
2.14. InFigure 2.13d a bellmouth {or venturi) shroud was found to give about
a 3% increase in the heat transfer performance over the square edge (or box
type) shroud. An intermediate level! of performance is generally found with
ring type shrouds. As shown in Figure 8.2 of Appendix B the ring shroud also
provides a significant performance improvement over the flat plate (or box)
shroud. As with shroud clearance improvements, a simple sheet metal fan may
not have nearly the performance improvement as one with sophisticated geometry
when the shroud design is 1mproved.22 The venturi shroud provides the
greatest performance benefits but is also the costliest and works best with
low to moderate airflow resistance systems. The box shroud is least complex,
Teast expensive, but also least efficient. In high airflow resistance
systems, it can provide comparable performance to the more sophisticated
configuratfons., The ring shroud is a compromise design and has moderate
performance, cost, and complexity.

Fan-to-Engine Block Clearance. The effect of fan-to-engine-block :
clearance is illustrated in Figure 2.13e, This figure shows that the
fan-to-engine~-block distance over the range of 6 to 14 in. (.2 to .5 fan :
diameters) gave negligible increase in the heat transfer performance of the
system,

In addition to the above effects, the following variables affected
18

#  Increasing blade pitch angle decreased peak efficiency
significantly.

L Increasing blade camber (curvature) had little effect an
effeciency up to some critical value of camber beyond which
efficiency dropped rapidly.
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Increasing the number of blades above some minimum desirable
solidity {ratioc of blade area Lo fan disc area) slightly
decreased efficiency.

Increasing tip solidity with constant number of blades had
insignificant effects on efficiency.

Doubling blade chord with constant solidity increased efficiency
slightly due to smaller effective tip clearance.
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III. FAN NOISE GENERATION

1

In this chapter the understanding of the fan noise generation
mechanism, as it exists currently, will be discussed. The effect of fan
design and installaticn on noise generation will be reviewed. Finally,
formulas for the prediction of fan noise in vehicles will be discussed,

NOISE GENERATION MECHANISMS

Noise generated directly or indirectly by engine cooling fans can be
described in six categories:

] Tip vortex interaction noise

o Vortex shedding noise

] Rotational noise due to blade/inflow interaction

L Blade stall

. Fan blade and shroud structural resonances

L] Noise due to fan outflow/engine compartment interactions.

The first three aesroacoustic noise generation mechanisms are fundamental to

the fan functioning.
design problems.

? (3 (3 L2y LY ) ¢ L

The latter three mechanisms are essentially installation
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The vortex shedding and rotational noise mechanisms
characteristically cccur at various points over a fan's operating range, as
fllustrated in Figure 3.1. The tip vortex noise, for a given fan
tip-to-shroud clearance, increases significantly for high pressure rise
requirements. Rotational noise is a strong function of the degree of inflow
distortion and s relatively insensitive to fan back pressure except near a
stall. The vortex shedding noise dominates only when the fan is lightly
loaded, i.e., highest flow coefficients, and is only of significance when the
fan is operated with the low level of rotational noise and small tip
clearance, 19

Tip Vortex Noise

Tip vortex noise results when a heavily loaded fan blade becomes
stalled and sheds an unsteady wake in which the following biade becomes
immersed, This large tip vortex interacts with the trailing edge of the
leading blade and the leading edge of the following blade to become a source
of noise. Tip vortex noise is the noise mechanism which is quieted when blade
tip-to-shroud clearances are reduced. For large tip clearances this noise is
relatively consistent and increases fan noise level 10 to 15 dB over the full
fan operating range. For small clearances, however, (approximately 3 to 4% of
blade cord), tip vortex noise becomes dominant anly when the fan is heavily
loaded.* Tip vortex noise is eliminated when tip clearance approaches zero
{approximately 0,09% blade cord). The tip clearance can best be reduced --
considering practical constraints -- by the use of an integral, i.e.,
rotating, shroud fan for which significant (6 to 10 dB) noise reductions have
been reported,19,23

Rotational Noise

Rotational noise is a result of the airflow distortion and turbulence
entering the fan disk. It results in the characteristic tonal spectra at
blade passage frequencies and overtones. This turbulence is, in part, created

*Longhouse found tip vortex noise to be a function of blade chord and not
blade diameter as is normally discussed.l9
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by the radiator; however, the radiator also tends to act as a flow
straightener24 minimizing the effects of grill and other large amplitude
inlet flow pertubations. This mechanism can be quieted by operating the fan
more heavily loaded and with reduced tip speed, such as by increasing blade
tip angle. The use of uneven blade spacing changes the location of the blade
passage frequency and its overtones but does not significantly affect the
overall sound level generated by this rnechanit;m.z5

Vortex Shedding Noise

Vortex shedding noise apparently results when vortices shed from a
laminar boundary layer on one side of the blade interact with turbulence
created from other side of the blade. This interaction creates acoustic waves
which then travel up stream to the point of origin of the boundary layer
instability and, with proper phasing, produce a resonance which generates
strong narrow-band noise. While this mechanism is quite narrow in bandwidth,
it appears in the fan spectrum broadband in nature. This broadband
characteristic is the result of the summation of the vortex shedding noise
sources along the span, Since this mechanism requires a laminar boundary
layer on one side of the blade, 1t 15 eliminated when the flow around the
blade is fully turbulent, This can be accomplished by such turbulence
generating mechanisms as leading edge serrations. Operating the blades in
naturally turbulent conditions, by increasing the local Reynolds number, will
a1so eliminate vortex shedding noise. This can be accomplished by operating
at higher blade speed, or increasing blade 1ocading or blade chord.19

Installation Noisa Mechanisms

Blade stall is a result of operating a fan beyond its pumping
capabilities, This results when shutoff conditions occur over all or part of
the fan inlet area, such as when upstream flow obstructions exist. These
obstructions may be: closed radiator shutters and zipped grill covers, a piece
of cardboard in front of the radiator, or the plugging of the radiator due to
dirt and insect entrapment. This noise mechanism is expected to increase fan
sound levels 2-5 dB.




—_—

Fan blades and shrouds are the structures which are primarily
susceptible to structural resonance. The fan blade is essentially a beam
cantilevered from the fan hub and will have a family of resonances -- which
for most fan geometries are probably best determined experimentally. {Nole
that in use the fan will appear stiffer due to the effect of centrifugal
force.) These resonances will be excited primarily by fan inflow distortion
and result in periodic loading and unloading of the blade as a function of fan
speed. In this context, use of plastic fans are attractive since their higher
internal damping will make them less responsive at their natural modes. The
shroud s essentially a thin-walled shell. It is most likely excited at the
throat of the shroud by the passing tip vortices. This loading would be
periodic at the hlade passage frequency. Both the shroud and fan blade
resonances would be excited only at certain fan speeds and would not scale

with blade speed.

Noise resulting from aeroacoustic interactions between the fan
outflow and objects and structures in the engine compartment has had 1{ttle or
no discussion in the literature but may be particularly significant as other
noise sources are quieted, Airflow exiting the fan may locally be at speeds
of greater than 120 ft/s.25 Obstructions downstream of the fan (fan drive
belt pulleys, mounting brackets, and miscellaneous sharp edges) can interact
with this airflow and result in aerodynamically generated noise., The :
amplitude of this noise will be related to airflow velocity and, thus, fan :

speed.
FAN SOUND LEVELS AND SPECTRA

In the past many investigators have discussed the fan sound levels in

terms of A-weighted overall sound levels. However, unweighted sound power
lavel spectra, taken at various speeds but at the same flow coefficient for a

given fan, normalize with harmonic number.18 This normalization occurs
because both the broadband vortex shedding spectra and the discrete rotational

noise spectra vary with fan speed,

The vortex shedding noise mean frequency (at a given flow coefficient .
for a given fan design) normalizes with Strouhal number, defined as

3-5
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where f = mean frequency
1 = characteristic length
V = the average flow velocity through the fane Nd.

The Strouhal number can be shown to be proportional to 60 f/N, harmonic
number,

In the following discussion the fan sound level will be discussed in
terms of unweighted overall sound power level. Fan noise due to structural
resonances, however, will not be a function of fan speed, but will not be
considered in the following discussion since it i$ not inherently part of the
fan noise generation characteristics.

The aerodynamic performance of a fan can be described in terms of its
pressure coefficient and efficiency curves as a function of flow coefficient,
such as is shown 1in Figures 3.2a and b, The characteristic sound power
performance of a fan is that sound power level at a given airflow and pressure
rise rather than at constant speed and diameter. This can also be presented
as a function of flaw coefficient as shown in Figure 3.2c.18'27 This
characteristic sound power level is also called "sound power level
coefficient® by Mel1in®7 and "specific noise level" by Baranski and
Pisarski.za* Note that the flow coefficient corresponding to peak
afficiency is not the same flow coefficient corresponding to minimum
characteristic sound power level.la'28 Mellin found that at a given flow
coefficient the sound power generated by the fan varied as

W= qap(*-1)72

*Baranski and Pisarski's specific noise level parameter is similar to the sound
power level coafficient parameter of Mellin, except that it is described in
terms of A-weighted sound pressure levels,
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where x is the sound power exponent. This sound power exponent varies with
fan design and flow coefficient of operation. Its magnitude appears to be
related ton the particular combination of sound generation mechanisms
associated with the given fan design and operating point, Its value must be
found experimentally from

X = (sz - Lwl)/lo Tog (NZ/NI)’ ¢ = constant

This result, as a function of flow coefficient, s illustrated in Figure
3.2d.

Historically, investigators had assumed that x was independent of
flow coefficient and assumed a value in the range of 5 to 6 -- an assumption
not born out by close experimentation., Sound power exponent also relates the
variation of sound power with fan diameter and speed.

W= Nxﬁpx*-z

Note that, if x = 5, this relationship reduces to the classically assumed
W2d’ relationship.

Taken together the work of Longhouse and Mellin have considerable
significance. At any given flow coefficient, the total sound power level of
the fan can be considered the sum of sound power contributions of the three
aerpacoustic noise mechanisms

L, /1o L L, /10 -
W Wo /10 W ¢ = constant
L™ 10 Tos (10 LA T R T )

where the subscripts denote: TV, tip vortex noise; R, rotational nojse; and
V3, vortex shedding noise. These mechanisms will have relative contributions
which will then dictate the characteristic sound power level and sound power
exponent at that flow coefficient. Presumably, each of these machanisms has
its own sound power exponent and the observed sound power exponent of the
total sound power is essentially the weighted average at the specific flow
coefficient. As a result, a model! of fan noise generation can be developed
which should accurately predict fan sound power levels and allow the
optimization of fan configurations for given performance.

3-8
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These recent findings also have significant implications for fan
selection. The non-coincidence of the peak efficiency and minimum
characteristic sound power level flow coefficients means that value judgments
and trade-offs must be made in fan selections. This situation appears to be
recognized by at least one fan manufacturer.28 For rational fan selection,

a family of fan aerodynamic and acoustical performance curves -- such as
i1lustrated in Figure 3.2 -- will be necessary. As discussed in Chapter II,
these curves should be derived using procedures which are representative of
vehicle engine compartment environments.

FAN DESIGN AND INSTALLATION EFFECTS

A number of factors affect noise generation characteristics of a
given fan and its installation. A review of these effects appears in the

following paragraphs.

Blade Tip Clearance. Reduced tip clearances provide improved
aercdynamic perfermance and allow lower fan speeds for a given performance.
In addition, reduced tip ciearance fans are inherently quieter, Compared to
large tip clearance fans (<3%X chord), rotating shroud fans are significantly
quieter {as much as 10 c!B).19 For fans with fixed shrouds, reductioens of 2
to 6 dB have been observed.18 A 7 dBA sound Tevel reduction was observed
far a fan with rotating shroud immersed completely in a venturi type fixed

shroud.23

Blade Shape. Various shapes have been proposed for fan blades to
achieve quieter operation. These include serrations 9 and guide vanes,
The use of leading edge serrations reduced vortex shedding noise 10 to 20 d
but does not have any significant effect on rotaticnal noise. A guide vane
fan has been designed which includes two guide vanes attached to the suction
surface of the fan at approximately 1/2 and 3/4 blade span. This fan provided
35% fincreased pumping capability, approximately 8% improved efficiency, and
was 4 dB quieter for a given airflow compared to the same fan geometry without
guide vanes. The guide vanes are intended to direct the flow radfally from
the fan, intentionally inducing a mixed flow characteristic and compensate for
large tip clearances required for fixed shrouds. (Unfortunately the

3.9
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comparison data provided above did not specify shroud tip clearance.) These
guide vanes presumably reduced both tip vortex noise and rotaticnal noise,

A skewed or swept blade fan has been evaluated which provided
approximately a 10 dBA reduction in broadband noise and about a 4 dBA
reduction in discrete frequency noise when compared to an unswept fan of
comparable solidity and number of blades. While this study did not include
aerodynamic performance, evaluation of the fan in a heavy truck indicated the
skewed blades had an adverse effect on truck cooling performance.

Blade Chord. Increasing blade chord tends to reduce both tip vortex
and vortex shedding noise mechanisms. A reduction of almost 6 dB at some
operating points was observed for a fan with a tripled tip chord., Sound level
reductions of as much as 8 dB were observed for higher solidity fans using
increased blade chord. However, for constant solidity, sound level generation
was unchanged with increasing blade chord (with proportionally decreasing

blade number).18

Number of Blades. Increasing the number of fan blades from 4 to 8
resulted in a 9 d8 increase in fan sound levels for lightly loaded blades.
However for more heavily loaded conditions, the number of blades was
1nsign1ficant.6 As mentioned before, the spacing of the blades does not
significantly affect the overall sound power although the tonal content of the
fan is significantly altered,25

Blade Pitch Angle. When noise level is adjusted to a given
performance, a 7 dB decrease minimum noise level is obtained by increasing
pitch angle from 16° to 26°. However, sound level increased about 2 dB as
pitch angle increased further to 339°. (Note that with increasing pitch
angle, peak efficiency decreases in magnitude and occurs at lower loadings.)

Blade Camber. Characteristic sound power level decreased by as much
as 10 dB as curvature was decreased {for increasing radius of curvature from
82% to 150% of blade chord} for fans with low loadings. At higher loadings
difference between curvatures was 1nsign1ficant.18

3-10
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VEHICLE FAN NOISE PREDICTIONS

Over the years a number of investigators have attempted te provide

simplified fan noise prediction formulas for vehicle fans. These formulas are

summarized in Table 3.1 (They are presented in a form such that they predict
the sound pressure level from the vehicle fan at 50 ft. In some cases
1iberties have been taken with the authors' original formulation to allow a
comparison to the other equations.) These equations are reviewed to caution
users of their limitations.

From the previous discussion, inspection of these equations should
make it immediately obvious that some of them are incorrect. In all of the
equations except equation 10, simplified sound power exponents have been
assumed, generally, in the range of 5 to 6. Equations 3, 4, 8, 6, 8, and 9
attempt to predict A-weighted sound levels, thus ignoring the frequency
dependence upon fan speed. Equations 5 and 6 are singled out for particular
comment, Both are somewhat more ambitious in relating noise to fan
parameters. Equation 5 includes an effect of solidity (nB) which conflicts
with recent findings.18 Equation 6, which appears quite rigorous, was in
fact based on test of a single vehicle (1964 Plymouth Fury V-8) with a
4-bladed fan and consequently does not have statistical validity. Finally,
Equation 9 can be derived from Equation 10 if the sound power exponent,x, is
equal to 5.
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TABLE 3.1
VEHICLE FAN NOISE PREDICTION FORMULAS
(Sound Pressure Level at 50 ft)

Equation Number

Expression

Reference

L » K+ {5560) log W

Priede/NCHRP 173

2 L =X +60%00gHN Wyle/REHRP 123
1 Ly * 767 + 70 log f~ + 50 05 5lpy ASHRAE/NEKAP 173
' Ly = 761 % 72 Yog o « 82 Yooyl Baly/HCHRP 173
§ l‘A =K ¢ 50 log X + 50 Jog d + 10 log nB Damkevals, gt.al,
§ Ly # 75,8 + 80 Tog o * 60 Teg ,‘1', + 20 Yog g 10 Tog § + 20 log El-o‘!‘, Serendipliy (BAN)/NCHAP 173 |
! L =&+ 00g 720 ag yhy ¢ 30 og 5 fram Haes
] Ly *=102.1+9 log p[ - + 60 Teg i + 70 log d from Rising (ﬂ"on Hawas)
pd'i_u'“j N
9% (M Lq, + 1% log Q + 10 lag ap! from Baranski and
A Plearskl
b LA-L"dAosnloanomlnqd
. a=1
100 Lol v 10 h0g gy ¢ 10 Von (AT fran Hellin
N x d Lir
b Lomly 1] ‘“(WW) + 19 lag{“_—n) ‘

K & sound Teval constant, 8 o = air density, slugs/re?

N = fan 1pesd, RPR ¢« flow coafficient

d = fan dfameter, in, L, = fin sound level at flow coefficient ¢

4

n = ouaher of fan blades Lyg * fan sound level at cpectfiad spend

0 = ares per blage, in.? and dismeter

b = fan blade width, fn. Q= ateflon, ft'/ain (standard conditioas)

w/la » girflow turbylence Index (dus to radistor snd gritl) Ap » fap pre
P = fan powar, HA X sl sou
. (L

S

ssure rise, i, IIZO
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IV. ALTERNATIVE COOLING SYSTEM CONFIGURATIONS

Various design configurations are discussed in this section starting
with an illustration of the current practice for a large gasoline-engined
medium truck. Three alterations to this baseline design will be successively
made until all three alterations are included in the final example. The pur~
pose of this exercise s not to determine the optimum specification for the
baseline vehicle, but to i1lustrate the potential benefits in reduced fan
performance requirements faor various types of cooling system design changes,
An additional section will discuss other possible configurations for the cool-
Ing system. The final section will then examine the potential sound level
benefits from the baseline of the three detajled alterations considered.

CURRENT PRACTICE

A GMC medium truck, which could be equipped for inner-city delivery
work, is selected as a baseline example of current practice. The GVW of the
truck, with body, is 25,000 1b., the highest capacity for this classification
of medium truck. Table 4.1 shows the specifications of the example truck.
The engine selected for this example 1s a 427 1n.3 V-8 gaseline engine, cur-
rently the largest gasoline engine now installed in GMC trucks. The desdign
condition for the cooling system at full power and with air conditioner is
110%F air-to-boil (ATB) which corresponds to a 120°F ATB with the afr con-
ditioner not in operation. The fan installed in the haseline medium truck is
manufactured by Hayes-Albion, Inc. It is a sheet metal fan formed from
cambered uniform thickness blades attached to a metal spider. The spider is
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TABLE 4.1

EXAMPLE MEDIUM TRUCK SPECIFICATIONS13

Manufacturer:
Mode:
Radiator:

Fan:

Engine:
Fan Drive:
Peak HP test:

General Motors Corporation
GMC C7D042

Tube and center sideflow

4 tube rows

28.8 in. wide x 24.1 in, high x 2.63 in. thick

12.5 fins/in., louvered
Hayes-Albion Corporation
Model: 2028749
22 in. dia x 2,50 in, proj. width
7 equally spaced bhlades
Part: GM-G-167-F~1
427 in.3 v8, gasoline
Eaton 280 Viscous Clutch
Adr-to-Boil:1209F (without air conditioning)
1109 (with air conditioning)
Heat Rejection: 6160 BTU/min (without air
conditioning
6602 BTU/min (with air
conditioning)
Water Pump Flow: 70.0 gal/min
Maximum Engine Speed: 4000 RPM
Maximum Fan Speed {engaged): 3530 RPM
Ram air velocity: 5 MPH
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attached to the output of the fan clutch. The use of seven blades combined

with 22 in. diameter indicates that this is a high capacity fan. The great
majority of curreat practice medfum truck fans are similar. The performance
curve for this fan in a wind tunnel test is the first curve found in Chapter
Il as Figure 2.10a, or in Appendix 8, on page B-2.

The radiator installed in this truck is a tube-and-center side-flow

radiator* with four tube rows and 12 fins/in, The fins are perforated with

touvers. (These fins are manufactured by taking one continuous sheet of
metal, perforating it, folding it into a serpentine ribbon, and then soldering
it between the two adjoining tube columns. Each serpentine section which

results has four tubes on each side.)

Calculations of the airflow required to dissipate the heat generated
by the engine are contained in Appendix C. In these calculations a radiator
temperature drop of 10° 15 assumed and the radiator heat transfer perform-
ance is assumed to follow the performance of a geometrically similar radiator.
Given the air-to-boil requirement (without the air conditioning system in
operation) and an assumed maximum top tank temperature of 210°%F (based upon
&M Detroit Diesel Allison Division diesel engine practice), the design ambient
of 1189F was calculated, This dasign ambient is used for the following

alterations to the baseline design.

dased upon the above assumptions and the calculations described in
Appendix €, the volumetric airflow required of the fan (at fan inlet tempera-

Ignoring any installation effects, the pressure rise of

ture} was calculated,
The

the fan was estimated for the calculated airflow and 3530 RPM fan speed.
resultant cooling system operating conditions are summarized as:

L] Required airflow, 6890 ft3/m1n (at standard conditions)
. Engine compartment temperature, 167°F

*In common radjator design practice, coalant enters at the top af the radi-
ator, travels downward, and exits at the bottom. General Motors uses a radi-
ator design in which coplant enters at one side of the radiator, travels
laterally across the radiator, and exits the other side. This design permits

reduced radiator heights,

4-3
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®  Fan airflow, 8310 ft3/min
Fan pressure rise, 3.20 in. Hzg
] Alr power, 3.47 HP.

INCREASED TOP TANK TEMPERATURE

One of the most efficient ways of increasing the heat transferred for
a given size radiator is to increase the differential between the two incaming
fluids. Since the operating ambient cannot be changed, the only temperature
which would accomplish this is the top tank temperature, the temperature of
the coolant leaving the engine. Table 4,2 shows typical maximum top tank
temperatures now being used. The top tank temperature limitations specified
by manufacturers of diesel engines used in medium and heavy trucks are all
based on the premise that 1t is possible that water might be used as coolant
and that the system should be able to operate without the pressure cap in
place. The practice with automobiles, however, has been to design the system
assuming that the pressure cap will function properly and that the system will
be pressurized. Nevertheless, even the automobile manufacturers do not take
advantage of the increased boiling point which will be present if the proper
solution of ethylene glycol and water is used. The boiling point used as a

TABLE 4,2
TYPICAL MAXIMUM TOP TANK TEMPERATURES

MANUFACTURER ENGINE TYPE SPECIFIED TEMPERATURE
of
Cummins Engine Co., Inc.32 diesel 203

Caterpillar Tractor Co.
Caterpillar Engine Div.33 diesel 210

General Motors Corp.

Detroit Diesel-Allison Div.8 diesel 210
Chrysler Corp.34 gasoline 245
48
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design for Chrysler Corporation automplile engines is based on a pressure cap
opening at 14 b/in2, At 14 ib/inz. water boils at a temperature of

2470F, Thus, the 2450F shown in Table 4.2 for Chrysler represents the

same margin between maximum top tank and boiling temperatures as used by both
Caterpillar and GM, assuming atmospheric conditions and water coolant.

As the first alteration on the bhaseline medium truck coaling system,
an increase in the top tank temperature to 2459F is evaluated. The calcula-
tions of the required flow with this higher top tank temperature are also
contained in Appendix C. For estimating this effect, the coolant temperature
drop across the radiator is assumed as in the baseline condition. With the
higher temperature differential between the entrance of air and water now
available, the required airflow through the radjator to obtain the same heat
flow is greatly reduced. However, with the lower airflow rate the temperature
in the engine compartment is greatly increased, since a smaller quantity of
air must absorb the same heat. The required airflow at the entrance to the
radiator is reduced from 6890 ft3/m1n to 3840 ft3/m1n, nearly a 50% drop
in the required airflow. The pressure drop through the system is reduced to
approximately 1/3. The increased temperature in the engine compartment
increases the volume of afr passing through the parts of the flow path down
stream of the radiator so the full benefit of reduced pressure, to 1/4 its
origina} value, cannot be realized. The air power required from the fan is a
function of the product of the pressure rise across the fan and the airflow.
Air power drops from 3.47 WP to 0.677 HP, only 20% of the required fan power
in the original baseline design.

In summary the conditions with increased top tank temperature are as

follows:
®  Required airflow, 3840 ft3/min, (at standard conditions)
] Engine compartment temperature, 206°F
[ Fan airflow, 4910 ft3/min
e Fan pressure rise, 1.12 in. Hyp
o Air power, 0,677 HP.
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MULTIPASS RADIATOR

The efficiency of a heat exchanger is defined as the heat transferred
divided by the potential heat transfer. Since hoth the mass of air and the
specific heat of air are less than those of a water and ethylene glycol mix-
ture, the limitation on all automotive radiators is due to the air~side heat
transfer. Thus, potential heat transfaer can be estimated as that which could
be transferred to the quantity of air which moves through the radiator, if it
were brought up to the temperature of the entering water. As the efficiency
of the radiator increases, the air temperature is brought closer to that of
the coolant. When air and coolant temperatures leaving the radiator get
closer, benefit can be obtained by increasing the number of passes in the
radiator. This keeps the temperature differential between the afr and water
at a maximum for any position in the core. The baseline vehicle has a
radiator containing four tube rows. With suitable baffling in the inlet and
outlet tanks of this radiator, these four tube rows can be made to function as
separate passes with the highest water temperature occuring in the tube row
closest to the engine. Figure 4.1 shows how baffling may be used to create a
multipass radiator from the same core geometry. The core illustrated in
Figure 4.1 is a five tube row core. Its odd number of passes allows the
entrance to be on one sfde of the radiator and the exit from the radiator to
ba on the other side as 1n conventional single pass radiators. If this was a
downflow radiator, the top tank would sti?l be located above the radiator core
as i1t now is and the bottom tank would contain the exit from the radiator to
the water pump.

The use of a multipass radiator does present some design problems.
In order to maintain the same 100F temperature drop across the radiator with
more effective heat transfer, an increased water flow rate will be requiréd.
This increased water flow rate may lead to more possibility of vapor lock
accurring, since the water velocity in the tubes is now more than four times
that of the baseline design due t¢ baffling and the increase in a heat trans-
fer effectiveness.
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The effectiveness of the high top tank temperature radiator calcu-
lated from the results in the previous section is 0.654, Entering Figure 2.9
in Chapter II with this effectiveness, the number of heat transfer units
(Nry) are determined at 3,2. At 3.2 heat transfer units, the effectiveness
of a four pass heat exchanger is 0,750. This higher effectiveness can be used
to calculate the reduced flow required, the reduced pressure drop through the
system and the power needed from the fan. In summary these conditions are as

follows:

Required air flow, 3550 ft3/min (at standard conditions)
Engine compartment temperature, 2713°F

Fan air flow, 4590 ft3/min

Fan pressure rise, 0,979 in. Hzo

Air power, 0,548 HP.

THICK RADIATOR CORE

The effect of radjator core thickness on heat transfer effectiveness
is also shown in Figure 2.9. The number of heat transfer units increases as
the air flow path length increases. Core thickness is thus directly propor-
tional to the number of heat transfer units. As discussed in Chapter II, the
thickness of radfator core can be optimized on the basis of minimum required
alr power, This optimfzation approach differs from that normally taken where
weight and cost are the primary considerations. Calculations of the air power
required for each 0.25 in. of thickness, starting with 3.00-in. thick radi-
ators, were made., The minimum required air power was found to occur for the
3.00-in, thick radiator, for which calculations are contained in Appendix C.

A 3.00-in, thick radiator with four passes has an effectiveness of 0,773 vs.
the .750 effectiveness for the 2,63-in, thick radiator of the previous example,
The increased core thickness causes a penalty in radiator pressure drop to be
fncurred proportional to the thickness. Because of this penalty, core thick-
nesses of 3.25 1n, thick and greater were found to have higher required air
powers even though the flow requirements were reduced. The resultant cooling
system operating conditions are:

4-8
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Required air flow, 3450 ft3/min (at standard conditions)
Engine compartment temperature, 216°F

Fan air flow, 4490 ft3/min

Fan pressure rise, 3.00 in. H20

Air power, 0,540 HP.

OTHER ENGINE/COOLING SYSTEM CONFIGURATIONS

Arrangements other than those just discussed could be considered to
reduce cooling system nofse, but most of these require greater changes from
the baseline condition and some suffer from a lack of design data needed to
evaluate them. Table 4.3 summarizes the advantages and disadvantages of five
additional cooling system configurations. These modifications are 1isted in
the order of their perceived complication with the least complex first.

High Fin Density Radiator Core

The first modification considered is the high fin density radiator
core. As discussed in Chapter II, a louvered-fin radiator results in a less
effective radiator when the fin density is increased above 12,5 fins/in.
because the pressure drop increases more rapidly than increases in heat trans-
fer, However, data exist which indicate that going to unperforated plate fins
a2llaws more heat transfer at the same pressure drop. Such a radiator would
certainly have a greater cost than the louvered-fin radiator and would also
have higher welght due to the greater amount of metal used in the core. The
optimum fin density would have to be determined on the basis of the minimum
required air power by performance of calculations similar to those developed
for the thick core, 12.5 fins/in. radiator, contained in Appendix C. The
relative values of the heat transfer effectiveness and pressure drop in the
given application will determine which radiator is best. No single optimum
fin density wi1ll 1ikely emerge for all applications.

Low Water Flow Engine

At least one manufacturer is now working on an engine which has a
lower water pump flow which results in a higher water temperature drop through

4-9




40 ¥y BT} LY L)

L

3

» 22 e i

TABLE 4.3
OTHER ENGINE/COOLING SYSTEM CONFIGURATIONS

Description

Advantages

Disadvantages

Highlights

High Fin Density
Radiator

More heat transfer
at same pressure
drop

Higher weight,
cost

Lower "optimum"
thickness than
baseline

Low Water Flow
Engine

Reduced water pump
load

Lower air-to-
coalant tempera-
ture differential

May combine well
with higher top
tank temperature or
counterflow
radiators

Reduced Cooling
Requirement

Reduced cooling
system require.
ments

Higher engine
operating
temperature;
significant
change in
current
practice

Uses insulated
pistons, altered
coolant passages;
Army experimenting
with no coolant

Auxiliary
Radiators

Lower primary
radiator require-
ments. Reduced
fan-use when ram
afr is sufficient

Difficult to
obtain airflow,
auxiliary fans

May be driven by
ram air or use
auxiliary fans

Alr-/Hater-
Cooled En~
gine

Reduced cooling
system require-
ment

Grease and dirt
blocked fins may
reduce effective-
ness; added
weight, complexity
and cost

Separate flow

path for radiator
and engine and/or
additional booster
fan may be required
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the radiator while rejecting the same quantity of engine heat. Although this
reduces the water pump load on the engine and is 1ikely to increase the engine
efficlency by reducing parasitic load, this modification will increase the
required fan power on the air-side flow path. In order to minimize the
increased fan power required, this Tow water flow engine may combine well with
the use of higher top tank temperatures and multipass radiators to regain the
effectiveness of higher water flow engines. Since there will be a greater
temperature drop across the radfator on the water side, the average coolant
temperature in the engine could be maintained equatl to a high water flow case
and st111 allow a substantial fncrease in the top tank temperature. Use of
multiple coolant passes in the radiator would be particularly effective in
maintaining turbulent conditions since the water velocity in a tube could be
maintained (compared to current practice) by going to a four pass radiator
with only one-quarter the water flow, for example.

Reduced Cooling Requirement

The coolant passages around the head and cylinders of the engine
could be redesigned such that a greater quantity of the waste heat was left in
the eshaust and less engine heat was rejected to the coolant. This would
require an increase in the operating temperatures within the cylinders. How-
ever, any reduction in the heat required to be dissipated by the engine
coolant-- and thus the cooling system-~ would also reduce the air power
required of the fan. The U.S. Army is now experimenting with operating diesel
engines, which have no coolant at all. Such engines have used insulated pis-
tons including ceramic piston heads to maintain the waste heat within the
exhaust. Modified Cummins engines which compare to basic current design are
now operating in test cells without any coolant.33

Auxiliary Radiators

The design speed for the truck cooling system is determined by the
grade climbing capabilities of the vehicle which are in turn determined by its
power-to~weight ratio. The recent trend has been to increasing power-to-weight
ratios; consequently, vehicle design speeds which were formerly 5 mph are now
comnonly 15 mph. The baseline truck is designed to operate with full

4-11
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power at 5 mph. At this low speed, the benefits of ram air are practically
negiiyabie. If the vehicle power is such that the minimum fulil-power design
speed could be increased to about 25 mph, then ram air could be utilized

through auxiliary radiators to reduce the cooling capacity of the main
radiator system. Such auxiliary radiators might be mounted to the side of the
main radiator and could be driven either solely by ram air or could use small
electric fans, Any heat dissipation which resulted from installation of such
auxiliary equipment would reduce the reguired heat transfer of the main system
and thus the requirement for the fan., Auxiliary radiators might fit behind
the headlights or safety 1ights of a truck. Such radjators would probably be
of very little benefit at the Tow speeds resulting from heavy traffic and this
might require a 1imitation on the engine power when such condition existed.

Alr-/Water-Cooled Engine

Another possibility is a combination air-and-water-cooled engine,
Such an engine would have cooling fins located at the higher temperature parts
of the engine block. Air-cooled diesel engines are frequently used in con-
struction equipment. Howaver, the power levels of such engines are generally
less than those of water-cooled engines. One of the biggest disadvantages of
use of auxiliary air cooling is that there is great possibility for grease and
dirt to block the fins and reduce their effectiveness. Such a grease and dirt
buildup might ultimately result in an insulating effect of the fins rather
than a benefit, Incorporation of cooling fins on the engine block is bound to
add to the weight and cost of the vehicle and may make it more difficult to
maintain, If higher top tank temperatures are used with their lower airfiows,
the resulting higher engine compartment temperatures will reduce the effect-
iveness of such fins. This may require that a separate flow path be created
for the radiator and the engine-fin cooling systems,

The portion of heat lost from a vehicle through convective cooling of
the engine block s now quite small. Calculations indicate that at the design
condition when the flow through the engine compartment is strictly that due to
the fan, the convective heat transfer from the engine block can be as little
as 2-3%. To obtain air velocities over the engine sufficient to realize sig-
nificant heat transfer benefits, an additional engine-mounted fan -- similar
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in installation to those on air-cooled engines -- may he necessary. (The
higher velocity airflow may also result in reduced dirt accumulation in the
ceoling fins.) This engine beoster fan would be thermostatically cantrolled
separately from the radiator booster fan.

As the flow of the fan is reduced through utilization of higher top
tank temperatures, or more efficient radiators including multipass types, the
engine compartment temperatures will increase to the point that the differ-
ential between the engine block and the engine compartment air will be very
spall. Thus, the heat transfer potential will be even more reduced and the
application for an air-/water-cooled engine will disappear unless a separate
supply of cool afr is obtained for the engine.

POTENTIAL SOUND LEVEL REDUCTIONS

An estimate can be made of the potential sound level reduction based
salely on the changes in airflow of the three new configurations from the
baseline. Prior to discussing these benefits, an overview of the effects of
cooling system configuration on fan operating requirements is provided helow.

A summary of the baseline and three modified cooling system configur-
ations is contained in Table 4.4. The first three columns of data show the
modifications made and proceed progressively from the first to the third. The
last six columns show the required flow and temperature conditions which exist
due to these modifications and their potential noise reduction benefits. Each
of the modified cooling systems contains the assumption of the same core geo-
metry, 1.@., fin density and type, and relation between air-side and water-
side syrface areas. No benefits have been estimated for improvements in the
flow path geometry through use of improved shrouds or cleaning the flow paths.
Thus, the benefits in reduced air power are the result strictly of modifying
the grrangements of the cooling system and radiator. The greatest benefit
occurs by increasing the top tank temperature 359F. This reduces the
required airpower to 20% of the baseline value. Because of operation at a
relatively high effectiveness, the introduction of muitiple coolant passes
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TABLE 4.4
SUMMARY OF ALTERNATIVE COOLING SYSTEM CONFIGURATIONS

14 b/

DESCRIPTION TOP TANX NUMBER CORE REQUIREE ENGINE CDMPT FAN FAN Al RELMIVS SOUND
TEMPERATURE  OF PASSES THICKNESS AJAFLOW TEMPERATLURE AIRFLOW PRESSURE POMER LEVEL
{0F) {tn.)  (rt.Ymin)  (OF) {re3/min} {1n Ha) (i) {8)
Current Practice 210t 1 2,63 6890 167 8310 3,20 ERLY) 0.0
Increased Top
Tahk Terperature 245 1 2,63 3ai0 6 4510 1.12 0.677 -1l
Multipass Radiator 245 4 2.63 3550 13 4590 0.979 0.548  -12.9
Thick Radiator
Core 245 4 3,00 50 216 490 0.994 0.540  -12.8
ASSUMPTIONS:

Radiator core face arga 24.1 1n. high x 28.8 in. wide, 12.5 fins/in.
Design smbient 1169
100F "water tenperature drop in radistor

HOTES;
Igstimated hased on Detroit Diesel Allison Div. practice

At standard temperature and pressura
Jfor Loc 1010y (fan pressurs)¢{fan airfiow) , 98 re {Current Practice}
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becomes more worthwhile than it would be for the baseiine condition. Calcula~
tions to determine whether multiple coolant passes or increased core thickness
were more efrective at this point show the multipass radiator to be the more
beneficial. Even so, the required air power drops to 80% of its value with
the increasad top tank temperature for a benefit of 0,13 HP.

With both increased top tank temperature and a muitipass radiator already
considered, the remaining henefit gained by increasing radiator core thickness
is very slight. Only 0.008 HP can be gained by fncreasing the core thickness
from 2.63 in. to 3.00 in.

Figure 4,2 shows the relationship between the fan operating points
for each of the four systems, The baseline truck has a total vehicle pressure
drop of 3.2 in. H20. In this exercise the system pressure drop has been
estimated to follow the square of the airflow at the fan. Since the radiator
thickness is unchanged and the geometry is identical for both high top tank
temperature and the counterflow radfator configuration, the operating points
for each of these conditions are on the same system curve but occur at a lower
pressure drop and flow condition. When core thickness {s increased, the sys-
tem resistance curve changes, as is indicated by the fourth design not falling
on the same curve with the baseline second, and third designs,

The fan or fans which would be selected for the modified cooling sys-
tems are 1ikely to be significantly different from the currently instalied fan
-- gven using the same selection criteria (cost, ete.). Thus, an exact cal-
culation of the effect of the changed fan operating points is not possible
here. However, for estimation purposes, the effect of reduced aerodynamic
performance requirements can be described by.

. q 4
L Lr+10 log 7. + 20 log E%r

from Equation 10a of Table 3.1, and assuming 5th order sound Tevel variation
with fan speed and al) blade designs have comparable noise generation charac-
teristics. Thus, the sound Tevel can now be estimated directly from the
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required operating conditions. Using this approach, the sound levels for each
of the cooling system configurations were calculated (referenced to current
practice) and presented in Table 4.4. As seen in Table 4.4, a substantial
benefit, 11.4 dB reduction, is obtained from increased top tank temperature.
The incremental benefit of the multipass radiator, 1.5 dB, while much less, is
not insignificant. The thick core radiator shows a sound level increase as a
result of its slightly higher pressure rise requirement; however, with other
system configurations -~ such as a conventional single pass radiator -- a
thicker core radiator may alsc exhibit sound level benefits.
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area, ft.?
blade area, in.
heat capacity, BTU/min/CF, = Cpm

2

sound Tevel constant, dB

sound level, dB

rotational speed, RPM

fan mechanical power, HP

volumetric airflow, ft¥/min

Strouhal number = /v

temperature, OF

velocity, ft/s; overall coeffictent of heat tranifer,
BTU/min/ft3/OF

velocity, ft/min

sound power, W

fan blade width, in.

fan diameter, in.

frequency, Hz

characteristic length

mass flow rate, 1bm/min

number of fan blades

pressure, in, H20

heat transfer rate, BTU/min

engine compartment air resi{stance fndex
sound power exponent

change

flow coefficient, IUQ_'
T

pressure coefficient, ﬁgﬁz

fan efficiency
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heat exchanger efficiency = _c_‘g_af
min

3,14159
air density, ibm/ft3

Subscripts

ambient

boil1ng

fan

mean

radiator

system {vehicle less radiator)
total; tip

top tank

Other

A-weighted sound pressure level, dBA re 20 uPa

sound power level, dBre 1 pH

sound (pressure or power) level at specified flow coefficient, db

sound (pressure or power) level at specified speed and diameter, dB

airflow turbulence indax

constant pressure specific heat, BTU/1bm/°F

minfmum heat capacity of afr or coolant 1n radiater

UA

number of heat transfer unfts = ]
min

]
specific diameter = %1;—
fan {air) power, HP = 1.68x107% ApQ
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APPENDIX B
FAN AERODYNAWIC PERFORMANCE CURVES

{Pressure Coefficient, y, and Efficiency (in percent), n,
versus Flow Coefficient, ¢)
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Prajected width: 2,5 10,
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Blade 1pacing:  equal
Tust spewd: 1734 rpm
Shroud Type:  unknown

Tip Cluarante:  uninown
Lengitudingl Pas: unknown
Alr Densityr 0,075 Te/fed
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Fan Type: Holded glasa-fi1Yed nylan/Producticn

Mfgr.iModel Ho:

Part Numaer: 403
Qtemeter; 28 1n,
Projected widih;
No. of Blades: &
Blade Spacing: &

Kyialrinona
5- 15460- 10

2.4 i

Test Spend: 1950 rpn
Shrout Type: # (tat plite

»r

Ingetypy

Tp Clearancez 0,75 ia,

Longitudinal Poi:

0.5 through

Abr Densityr 0,075 /M)
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30+

20

101

Fan Typar Molded glass=rillad nyton/Product on

Hfgr, fModel Na:  Kysatrinane

Part Numter; 4015-35480.10

Diwmater; 28 in,

Projected width: 2.B n,

No, of Blades: &

Brade Spacing: egual

Tast Spred: 1900 rpm

Sheoud Typa: flat plats

Tip Claarancat @ 0.20 1n. (1.4% diay)
B 040 1n, (2,85 dl4)
A 0,75 I, {543 dia,)

Longitudinal Poy: 0,3 theough

Atr Densitys 0,075 1bsred
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Fin Type: Holdea glass-Filled aylon/Production

NFgr /Modt] Kot Kysalir/none
Part Nymbte;  40]5-3582)-05
Ciamgter: 24 90,

Projected width: 3,3 dn,
No. of Blacas: &

Blavw Spacing: wqual

Tast Speed:r 2980 rpm
Shroug Typa: flat plate

Tip Clwarance: 0,75 in,
Leng(tuding] Fos: 0.5 thraugh
i Bensityr 0,075 Torfe?
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Fan Typet Holded glasifilled nyloa/Produttion

MPgr./Medel Nai  Kysalr/none

Part Nusher; §03%-23480-01

Dtametar: 37 in.

Praj widtht 2.9 in.

Na, of Bladas; 6

Blade Spacing: agual

Test Spand: 1700 rpw

Shroud Tyme:  fhat alate

Tip Clesranca: & 0.20 (n, [1.3% dia.)
B 0,40 I, {2,5€ dia.)
A 0,75 I, (8,1 010,

Longitudinal Pos: Q.33 throwgh

Mr Dengity; 0,075 tusred
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20

Fan Type!: Molded glase+f |V led nylon/Praductic
Hfgr.Mode) Nar Kyvalrintem
Part Not  4038-15427-08
Diemeter; 26 im,
Projectad widin; 1.3 in.
No. af Blades: &
Mada Spaciog:  equnl
Test Speed: @ 1900 vpa

B 2100 rym
Shroud type: b plate
Tip Clearance: 0,15 In.
Longitudinal Pox: 0.5 through
Ar Dentitys 0,008 Tofed




Erp e 3e 1 e

Lrtm

O ]

TR S s

IS ST

e

1

1

. I

2

5
-

O |

Bon

i3 %

=

| S

B

60

.30

.20

Fan Type: Integratly shrovded 4luminom/Prutotype
Hrgr./Sodr]l Ho1  Howden Africrew/nona
Fart Na;  475-KPS-DO0
Didmatars 60 vm (24,6 i)
Projectsd width: 240 mm (9.4 in} with inlet
No. of Aladay 9
Blade fpacings wqual
Test Spaed: 2500 rpm
Shroud Typel  wantyrd
Tp Clearsncat 0 [4ntegral Whraud)
3 am {3,172 . ) faneto-iniat raciad
claarante
Loagitudina} Pos:  Emging-mounted inlat
& (0,06 1n,) Fan-ta-(nlet Jongl-
tudingl overlap
Ar ety L2 wgfimd (0,005 /eed)
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Fan Type; Sheet StealfPreduttion
Nigr.fHacel Mot  Schuitzer/mone
Fart No: @ 26)-18-30

& 150-14410 [cods 4da-bh-ca)

Tiveatar:  uhknown
Projected width: unknown
Ko, of Blader; wnknown
Oladn Spacing: aqual

tait Spmad:  upknown

Shroud Typd:  uhihowh

Tip Claarance: unknown
Longltudinal Pos:  uninawn
Mr Denvity: 0,015 b, /re?

Coder

aae v blade width & no, of nlades
clrcumigranie

bbh = blads angle to plang of fun, degrees

¢ 4 cimber » chord height
chord Tmgth
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60

Fan 1ype:  Malded palyprapylene/Prodyction

Mfgr./Mode) Wo:  Toyolafaone

Part Ha: (D conventional, unknown
(@ guice vine, unknoen

Disster: 160 mn, {14.2 1n,)

Projected width:  unknown

Nd, of Blades: &

Blade Spacing: equal

Teat Spewq: unknown

shroyd Typm: Flat plats

Tip Ciwarance:  0,040-0.060

Longitudinal Posy 0,25-0.5

Alr Denitty: unknawn
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Fan Type: Flberglass-Fl)ted Nylen on
Stee} Spider/Froduction

Nfgr./Modat wo; Flea-a=1ite/Serles 6200

Part Mo! 6250

Diamatar: 22 in,

Projected widthi 2,5 1a.

No. of Blades; &

Blade Spacing; sgqual

Tast Spaed; 1800 rpm,

Shroud Type: Ring Typw

Tip Clearanza: 0,25 in.

tongftudinal Pov: 0420 Lhrough

Alr Dengity: 0074 th/red
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ARPENDIX C
RADIATOR PERFORMANCE AND AIRFLOW DESIGN CALCULATIONS

A calculation of the airflow required to dissipate the heat generated
by the engine is described here. In these calculations a radiator temperature
drop of 10° is assumed and radiator heat transfer performance is assumed to
follow the performance of a geometrically similar radiator. Given the
air-to-boil requirement (without the air conditfoning system in operation) and
an assumed maximum top tank temperature of 210°F (based on GM Detroit Diesel
Allison Div diesel engine practice}, the design ambient of 1189F is
calculated. This design ambient 3s used for.the following alterations to the
baseline design. With the design ambient and the mean water temperature in
the radiator determined, the air-to-water temperature potential for entering 5
the radiator performance curves is estimated. The heat transfer performance '
equation relatas the velocity of the air through the radiator to the heat
rejected by the engine at full power. The airflow rate and heat dissipated
alsa establish the temperature in the engine compartments. By considering the
density of the air after it has passed through the radiator, a volume flow
rate through the fan can also be determined. Fan performance curves for the
fan installed in a baseline truck were provided by General Motors. The
geometrical configuration in the truck is assumed similar to that employed
during the fan test, as the fan curves can be enterad to determine the
pressure rise across the fan. Since the design air-to-boil is specified as
accurring at 5 mph ram air speed, ram effect is neglected. One of the
radiator performance curves generally furnished hy manufacturers is the )
radiator pressure drop as a function of the air velocity through the core. f
This performance information generally plots as a straight line on leg-log ;
paper similar to the heat transfer performance. An equation of this line is ;
|

C-1 j
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used to find the pressure drop across the radiator core. A pressure drop
through the remainder of the vehicle can be estimated by subtracting the
radiator drop frcm the pressure rise across the fan. For the multipass
radiator and thick core radiator calculations, the radiator effectiveness
curves are entered to determine performance improvements., The calculations
for each of the four cases analyzed are attached.
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